The present study reports experimental data and scaling analysis for forced convection of foams and microfoams in laminar flow in circular and rectangular tubes as well as in tube bundles. Foams and microfoams are pseudoplastic (shear thinning) two-phase fluids consisting of tightly packed bubbles with diameters ranging from tens of microns to a few millimeters. They have found applications in separation processes, soil remediation, oil recovery, water treatment, food processes, as well as in fire fighting and in heat exchangers. First, aqueous solutions of surfactant Tween 20 with different concentrations were used to generate microfoams with various porosity, bubble size distribution, and rheological behavior. These different microfoams were flowed in uniformly heated circular tubes of different diameter instrumented with thermocouples. A wide range of heat fluxes and flow rates were explored. Experimental data were compared with analytical and semi-empirical expressions derived and validated for single-phase power-law fluids. These correlations were extended to two-phase foams by defining the Reynolds number based on the effective viscosity and density of microfoams. However, the local Nusselt and Prandtl numbers were defined based on the specific heat and thermal conductivity of water. Indeed, the heated wall was continuously in contact with a film of water controlling convective heat transfer to the microfoams. Overall, good agreement between experimental results and model predictions was obtained for all experimental conditions considered. Finally, the same approach was shown to be also valid for experimental data reported in the literature for laminar forced convection of microfoams in rectangular minichannels and of macrofoams across aligned and staggered tube bundles with constant wall heat flux.
Introduction
Microfoams consist of tightly packed spherical bubbles between 10 and 100 lm in diameter with a porosity of up to 70% [1] . They can be produced by spinning a disk at 5000-10,000 rpm in an aqueous surfactant solution contained in a baffled beaker at room temperature [1] . Such microfoams have also been termed colloidal gas aphrons (CGA) [1] . However, the multiple surfactant-shell structure forming around individual bubbles proposed by Sebba [1] has not been directly and unequivocally observed [2] . Thus, we prefer to call this two-phase fluid ''microfoams'' instead of ''CGA''. Microfoams have found numerous applications including separation processes [3] [4] [5] , soil remediation [5] [6] [7] , water treatment [8, 9] , and biotechnology [10] . These applications take advantage of (i) their large interfacial area, (ii) the adsorption of particles at the microbubble interfaces, and (iii) their stability for enhanced mass transfer [11] . Microfoam made from mixtures of anionic and cationic surfactants have also been shown to spread over a pool of burning gasoline and to extinguish fire [1] .
Moreover, traditional macrofoams are commonly used as fire suppressant [12] . They have also been used as a fracturing fluid for improved oil recovery. Then, convective heat transfer takes place between the rock formation and the foams [13] . Finally, macrofoams have also been considered as a working fluid in heat exchangers to take advantage of the fact that the associated heat transfer coefficient is significantly larger than that achieved using air under the same conditions [14, 15] . This could reduce the size and mass of air-based heat exchangers.
In these various applications, it is important to understand and predict transport phenomena in foams including convective heat transfer. The present study investigates experimentally forced convection in microfoams flowing in circular tubes under laminar flow conditions and subject to constant wall heat flux. It also presents a scaling analysis for convective heat transfer in microfoams in rectangular minichannels and macrofoams in tube bundles under laminar flow.
Background

Microfoam rheology
The rheological behavior of foams and microfoams can be described by the pseudoplastic power-law model expressed as [16] , where s w is the wall shear stress, _ c w is the true wall shear rate, and _ c a is the apparent shear rate while the effective foam viscosity is denoted by l f . The empirical constants K P and n are the so-called flow consistency and flow behavior index, respectively. The true wall shear rate _ c w can be derived from _ c a through the RabinowitschMooney relationship [17] ,
Recently, Larmignat et al. [16] investigated the rheology of microfoams flowing through cylindrical pipes. Experimental data were collected for aqueous solutions of non-ionic surfactant polyoxyethylene (20) 
where r 32 is the Sauter mean bubble radius, r is the surface tension, l w is the viscosity of water, and is the specific expansion ratio defined as the ratio of the densities of the liquid phase and microfoam.
Experimental data established that s
an empirical function dependent on the surfactant mass fraction v (in wt.%). In practice, microfoams made with aqueous solutions of Tween 20 can be treated as a shear-thinning fluid with an effective viscosity given by [16] ,
with CðvÞ ¼ 0:4 þ 0:8ð1 À e Àv=0:018 Þ ð4Þ
These results were in good agreement with the model developed by Denkov et al. [18, 19] for foams with porosity larger than 90% made of fluids with low surface dilatational modulus resulting typically in tangentially mobile bubble surface. They were also confirmed by experimental measurements for anionic and cationic surfactants including hexadecyl-trimethyl-ammonium bromide (CTAB) and sodium lauryl sulfate (SDS) [20] .
Convective heat transfer in power-law fluids in circular pipes
Bird [21] derived an analytical solution predicting the local Nusselt number in the entry region Nu Ã x and in the thermally fully developed region Nu Ã 1 for single phase power-law fluids with flow behavior index n flowing through circular pipes subject to constant wall heat flux as,
and Nu
Here, D h is the hydraulic diameter of the wetted perimeter, k is the thermal conductivity of the power-law fluid, and h x is the local heat transfer coefficient. The dimensionless axial length x + is defined as Alternatively, Joshi and Bergles [22] applied a non-Newtonian correction factor developed by Mizushina et al. [23] to the correlation for Newtonian fluids proposed by Churchhill and Usagi [24] . For constant fluid thermal properties this model is expressed as [22] ,
The authors experimentally validated this model with a singlephase power-law fluid made from 0.9 and 1.0 wt.% aqueous solution of hydroxy ethyl methyl cellulose (HEMC) flowing through a circular pipe subject to constant wall heat flux. Note that thermally fully developed flow is reached when the dimensionless axial length x + is greater than 0.1 [25] . In addition, for flow behavior n = 2/3, such as that exhibited by microfoams [16, [18] [19] [20] , the local Nusselt number predicted by Eqs. (5) and (7) falls within 10% of each other in the entry region and within 4% in the fully developed region. Furthermore, Tseng et al. [26] experimentally investigated both the rheology and convective heat transfer of microfoams made of Tween 20 in horizontal minichannels with a rectangular cross-section and heated from three walls. The authors found that the local heat transfer coefficient and Nusselt number for microfoams under imposed heat flux and laminar flow conditions were independent of mass flow rate and heat flux. These results were similar to observations and theory for Newtonian fluids under the same conditions [27] . They also determined that the heat transfer coefficient for microfoams made of aqueous surfactant solutions was smaller than for single-phase water due to the microfoams' large porosity and low thermal conductivity.
More recently, Gylys et al. [14, 15] investigated convective heat transfer in dry aqueous foams with porosity of 99.6%, 99.7% and 99.8% and velocities between 0.14 m/s and 0.32 m/s. The authors reported the local heat transfer coefficient as a function of fluid velocity for upward and downward vertical aqueous foam flow across staggered and aligned tube bundles of diameter D = 0.02 m at different tube locations. Foams were generated by injecting gas in an aqueous surfactant solution through a perforated plate with 1 mm holes. Unfortunately, (i) the type of surfactant used to make the foam, (ii) the surface tension of the air/ solution system, and (iii) the average bubble radius were not reported. Therefore, it was impossible to estimate the foam's effective viscosity and capillary number. Gylys et al. [14, 15] derived an empirical correlations for predicting the local Nusselt number, based on the effective foam thermal conductivity given by the parallel model. The average Nusselt number was expressed as a function of the gas phase Reynolds number for foam flow across staggered tube bundles [14] . The average heat transfer coefficient was given as a function of foam porosity and velocity for foam flow across the aligned tube bundle [15] . Unfortunately, these correlations were derived from a limited data set with specific geometric features and therefore the validity of these correlations for other tube bundle dimensions and different foam properties is unknown.
Convective heat transfer in rectangular channels
Lee and Garimella [28] derived a generalized correlation for predicting the local Nusselt number Nu x,4 for convective heat transfer of laminar Newtonian flow in rectangular microchannels with constant wall heat flux from all four sides. It is expressed as [28] 
where C 1 , C 2 , C 3 , and C 4 are empirical constants depending on the aspect ratio a of the rectangular channel (1 6 a 6 10) and given by Eq. (12) in Ref. [28] . Secondly, the dimensionless axial length x + is defined as previously using Re D based on the hydraulic diameter of the channel D h . For constant wall heat flux from three sides with one adiabatic side, Phillips [29] introduced a correction factor to express the Nusselt number as,
Here, Nu 1,3 and Nu 1,4 are the fully developed Nusselt number for three and four sided uniform wall heat flux boundary conditions, respectively expressed as [30] Nu 
Convective heat transfer in tube bundles
Khan et al. [31, 32] presented an analytical correlation for single phase convective heat transfer in laminar flows across aligned and staggered tube bundles under constant temperature and wall heat flux. The average Nusselt number over the entire tube bundle in the fully developed region was expressed as
where C 5 is a constant depending on the tube arrangement while the Reynolds number Re D,max was defined based on the maximum fluid velocity U max as [32] 
The maximum velocity in the minimum flow area is denoted by U max and expressed as [32] U
where A is the cross-sectional area of the test section and
while l T and l L are the dimensionless longitudinal and transverse pitches defined as [32] 
Here, s L and s T are the interaxial distance between tubes of diameter D in the direction of the flow and normal to the flow, respectively. Finally, the above correlations Eqs. (5) and (7) have been validated and used for single-phase power-law fluids. However, it is not clear whether they are valid for two-phase fluids such as foams and microfoams. To the best of our knowledge, no experimental data and analysis have been reported for forced convective heat transfer in microfoams flowing in cylindrical pipes. The present study aims to collect experimental data for convective heat transfer of microfoams in laminar pipe flow under constant heat flux. It also aims to adapt existing correlations developed for single-phase Newtonian and power-law fluids to two-phase microfoams in rectangular minichannels and macrofoams in tube bundles.
Experiments
Experimental setup
In the present study, microfoams were generated by continuously stirring an aqueous surfactant solution with a Silverson L4RT mixer at 7000 rpm in a baffled container as described in detail in Refs. [16, 20] . The aqueous surfactant solutions were made by mixing Tween 20 purchased from USB Corp. (USA) in deionized water with mass fraction v equal to 0.22, 0.55, 2.17, and 4.23 wt.%.
The container was placed in a large tank of water acting as a thermal reservoir to maintain the microfoam at constant temperature. Type-T thermocouples were used to monitor the microfoam and water temperatures. The microfoam was continuously produced and pumped into the test section to ensure that it had the same inlet morphology, porosity, and temperature. The foam porosity, Sauter mean bubble radius, and surface tension of the solution/air system were reported in Table 1 of Ref. [16] .
The experimental setup was typical of a pipe flow experiment and consisted of (i) a supply tank, (ii) a volumetric pump (ColeParmer, model 75225), (iii) a data acquisition system (IOTECH DAQTEMP 14 A) connected to a personal computer, and (iv) a test section shown in Fig. 1 . The test section consisted of a 0.305 m long stainless steel 304 cylindrical pipe tightly fitted through a copper rod. The pipes had inner diameter equal to 1.52 mm or 2.41 mm with corresponding outer diameter equal to 1.78 mm or 3.15 mm. Sealing was achieved by soldering the steel pipe and the copper rods. The latter was then screwed into Teflon rods used to connect the test section with the rest of the experimental setup. A differential pressure sensor (Omega PX26-015DV) was used to measure the pressure drop between the inlet and outlet of the pipe (Fig. 1) . The pressure drop was corrected for minor losses due to sudden expansion and contraction in the test section (Fig. 1) . Microfoam rheology was discussed in details in Ref. [16] and need not be repeated. The test section was heated by connecting the leads of a Sorensen DCS8-125E power supply to the copper rods thereby flowing a constant current and thus creating a constant wall heat flux along the stainless steel pipe (Fig. 1) . The microfoam temperatures at the inlet and outlet of the test section were measured by type-K thermocouples. Likewise, seven type-K thermocouples were mounted axially along the top of the stainless steel pipe's outer wall with high thermal conductivity cement. The seven thermocouple axial locations x i measured from the channel entrance were x 1 = 0.027 m, x 2 = 0.056 m, x 3 = 0.078 m, x 4 = 0.118 m, x 5 = 0.157 m, x 6 = 0.197 m, and x 7 = 0.260 m as illustrated in Fig. 1 . The test section was supported by G10 slabs placed above and underneath the pipe to ensure that it remained straight and horizontal. The heated pipe was also thermally insulated from the surroundings by several centimeters of fiberglass insulation to minimize heat losses.
Finally, the volume of microfoam V f (t) flowing out of the test section between times 0 and t was determined by using either a graduated Kimax 100 mL cylinder or a Nalgene 1 L beaker while the time t was measured by a stop watch. Simultaneously, the corresponding mass of microfoam M f (t) was measured by using a compact digital bench Ohaus Scout Pro SP401 scale. The plots of V f (t) and M f (t) as functions of time were linear and their slopes were the volumetric flow rate _ Q f and the mass flow rate _ m f of microfoam, respectively. The microfoam density q f was experimentally determined by dividing the mass flow rate _ m f by the volumetric flow rate _
The microfoam porosity, defined as the ratio of the volume of gas to the total volume of foam, was estimated by [26] /
where q w is the density of water.
Experimental procedure and data reduction
The parameters measured experimentally for different values of flow rate and heat input were (i) the pressure drop along the cylinder, (ii) the inlet and outlet temperatures T in and T out , (iii) the local temperatures along the outer pipe wall T wall (x i ), (iv) the volumetric flow rate _ Q f , (v) the mass flow rate _ m f , and (vi) the microfoam density q f and porosity /.
Prior to collecting the data, the microfoam was flowed through the heated pipe for 5-10 min to ensure that a steady state had been reached. Then, the temperature readings were recorded for 1 min and averaged. In addition, micrographs of the microfoam were taken at the inlet and outlet of the test section to verify that the microfoam morphology did not change significantly as it was flowed and heated in the pipe. Note that the residence time of the microfoams in the heated pipe was less than 3 s for the volumetric flow rates considered. Given the short residence time in the connecting pipes and in the test section, flow stratification caused by liquid drainage between the microfoam generation point and exit of the test section was assumed to be negligible.
The total power input was determined as the product of the current I and voltage # applied across the test section, q total ¼ #I:
ð17Þ Fig. 1 . Schematic of the experimental test section used along with dimensions and locations of the thermocouples.
The actual heat input from the wall to the microfoam q f was determined from an energy balance on the microfoam given by,
where c p,f is the specific heat of microfoam at the average temperature expressed as [26] q f c p;f ¼ q w ð1 À /Þc p;w þ q g /c p;g :
Here, q g and c p,g are the density and specific heat of air, respectively, while q w and c p,w are those of water.
The heat losses to the surroundings were quantified by subtracting the total heat input from the actual input into the microfoam, i.e., q loss = q total À q f . In the present study, approximately 90% of the total electric power consumed was transferred to the microfoam flowing in the test section, i.e., heat losses from the test section to the surroundings were about 10%.
Finally, the wall heat flux q 00 w was calculated from the heat input q f to the microfoam according to,
where L is the length of the heated test section. Furthermore, the cylinder inner wall temperature T i (x i ) at specified axial locations (x i ) 16i67 were determined from temperature measurements at the outer wall T wall (x i ) by correcting for radial heat conduction through the pipe according to [26] 
where k pipe = 14.9 W/m K [27] is the thermal conductivity of the stainless steel pipe used in the experiment and r i and r o are its inner and outer radii, respectively. The local temperature of the microfoam, T f (x) at different axial locations was estimated based on an energy balance given by [27] ,
Then, the local heat transfer coefficient at location x i was expressed as [26] 
Finally, measurement uncertainties associated with the data were (i) ±5 mL for volume V f , (ii) ±1.0 g for mass M f , (iii) ±5% for the volumetric flow rate _ Q f , (iv) ±0.01 V for the voltage #, (v) ±0.01 A for the current I, and (vi) ±0.2°C for the temperature measurements T in , T out , and T wall (x i ). All properties were evaluated at the arithmetic mean of the inlet and outlet temperatures.
Results and discussion
Validation
The experimental procedure and data reduction were validated with single-phase deionized water flowing in 2.4 mm diameter pipe under laminar flow conditions with constant wall heat flux. Analytical expressions for the local Nusselt number Nu x as a function of dimensionless axial length of the pipe x + = 2x/D h Re D Pr for these conditions were reported in Eq. (8-42) in Ref. [33] and Eq. (6.137) in Ref. [34] . Fig. 2 compares Nu x versus x + predicted by these expressions with our experimental data obtained with deionized water for wall heat transfer rate ranging from 74 to 125 W and Reynolds number between 727 and 1362. The dimensionless numbers were estimated using fluid properties [35] determined at (T in + T out )/2. It is evident that the local Nusselt number decreased in the entry region as the thermal boundary layer developed. It reached a constant value independent of heat flux and Reynolds number in the thermally fully developed region where Nu x = 4.36 [27] . These results establishes the validity of the experimental setup and data analysis.
Scaling analysis for convective heat transfer in foams
The dimensionless numbers Re D , Nu x , and Pr used in correlations for single-phase power-law fluids were given by Eqs. (5) and (6) . However, for microfoams it remains unclear what expressions and fluid properties q, l, c p , and k should be used. One could treat microfoams as a homogeneous fluid with some effective properties estimated using an effective medium approximation (EMA). For example, a wide variety of EMAs exist for estimating the effective thermal conductivity k f of heterogeneous materials including the series and parallel models [36] as well as Russel [37] [42] , and the dispersion thermal conductivity [43] models. However, no specific model has been validated for the thermal conductivity of microfoams. Note that experimental measurements are made difficult by the foam metastability and relatively rapid decay.
Alternatively, Lévêque's approximation [44] , commonly applied to power-law fluids, assumes that at the wall the temperature boundary layer is controlled by a thin layer of fluid. In the case of aqueous foams, the heated wall is in direct and continuous contact with a thin layer of water separating the bubbles from the wall [18, 19] and controlling the overall convective heat transfer from the wall to the foam. In addition, based on scaling analysis of the boundary layer equations, the Nusselt number can be interpreted as a dimensionless temperature gradient at the fluid/wall interface [27] . Thus, it is reasonable to define the Nusselt and Prandtl numbers based on the thermal properties of water, namely c p,w and k w , as opposed to the effective properties of foams. However, from a rheological point of view, microfoams and macrofoams were shown to flow like a single-phase power-law fluid with some effective viscosity and density [16, 18, 20] . Then, the Reynolds number can be defined based on the effective physical properties of the microfoam, namely q f and l f . In summary, for forced convection in foams, we define the dimensionless numbers Nu 
Results
The experimental data collected covered a broad range of microfoam properties as well as hydrodynamic and thermal conditions. In fact, the surfactant mass fraction ranged from 0. 22 The spread in the experimental data can be attributed to differences in porosity, bubble size distribution, and viscosity caused by differences in surfactant concentrations and flow rates. Such a spread in experimental data is typical of two-phase flow heat transfer experiments as reviewed in Ref. [45] and references therein. Overall, the data appeared to be consistent and overlap relatively well despite the large variation in microfoam morphology, rheological behavior, as well as imposed flow rates and heat fluxes. It is important to note that poor agreement was observed when defining Nu Ã x and Pr ⁄ using the effective thermal properties c p and k of the microfoam given by previously mentioned EMAs. This indicates that the expression of the dimensionless numbers Nu (24) properly captured the phenomena taking place in convective heat transfer in microfoams flowing in uniformly heated pipes.
Moreover, Fig. 4 also plots the analytical expressions of Nu Ã x for power-law fluids given by Eqs. (5) and (7) proposed by Bird [21] and Joshi and Bergles [22] , respectively. Here, the index n was taken as 2/3. Given the experimental uncertainty, the experimental data for the Nusselt number are in good agreement with the model predictions for all microfoams and test conditions investigated. In fact, the average deviation between the fully developed Nusselt number Nu (7), respectively and the experimental values of Nu Ã 1 was less then 18%. Finally, we speculate that the same results will be valid for microfoams made with other surfactants (e.g., CTAB, SDS) by analogy with previous isothermal rheological studies [16, 20] . However, it is unclear if the same approach would prevail for laminar forced convection under constant wall temperature, for turbulent convective heat transfer, and forced convection in different geometries such as rectangular channels and tube bundles. If so, existing correlations for single-phase pseudoplastic fluids could be easily extended to two-phase pseudoplastic fluids such as foams by defining the dimensionless numbers according to Eq. (24) and using the non-Newtonian correction factor introduced by Mizushina et al. [23] , and successfully used by Joshi and Bergles [22] , to account for the non-Newtonian behavior of microfoams. The next two sections aims to demonstrate the validity and generality of this approach.
Convective heat transfer to microfoams in rectangular minichannels
In order to apply the correlation giving Nu Ã x;3 for single-phase Newtonian fluid flowing in laminar flow in rectangular pipes heated from 3 walls to the data reported by Tseng et al. [26] , Eqs. (9) and (10) were modified with the non-Newtonian correction factor ½ð3n þ 1Þ=4n 1=3 so that (24) while the models derived by Bird [21] and Joshi and Bergles [22] were given by Eqs. (5) and (7), respectively. where Nu x,3 and Nu 1,3 are given by Eqs. (9) and (10) x;3 decreased in the entry region and rapidly reached a constant value in the fully developed region. Furthermore, it is evident that the experimental data overlap quite well in the fully developed region thus further confirming that the expressions for the dimensionless numbers given by Eq. (24) properly capture the phenomena occurring in convective heat transfer in microfoams under laminar flow conditions. Fig. 5 also plots the modified correlations for convective heat transfer of pseudoplastic fluids under laminar flow in rectangular channels for both the local and fully developed Nusselt number given by Eqs. (25) and (26), respectively. Here also, the flow index n was taken as 2/3 [16, [18] [19] [20] . Given the experimental uncertainty and the accuracy of the empirical correlations, the predictions of the modified correlations were in reasonable agreement with experimental data for the broad range of physical conditions considered.
Convective heat transfer to macrofoams in tube bundles
In this section, the data reported by Gylys et al. [14, 15, 46] and previously discussed were used. In these measurements, the cross-sectional area A was equal to 0.02 m 2 while l T = l L = 1.5 for the aligned tubes and l T = 3.5 and l L = 0.875 for the staggered tubes.
Figs. 6a and 7a plots the average heat transfer coefficient versus U max reported for foam flows across aligned and staggered arrangements, respectively [14, 15, 46] . They indicate that the heat transfer coefficient increases with increasing flow velocities. Note that the measured heat transfer coefficients were independent of tube location for tubes A4, B4, and C4 in aligned tube bundles and for tubes A3 and C3 in staggered tubes. Then, at these locations the flow was thermally fully developed. Moreover, by analogy with the previous analysis for convective heat transfer in microfoams, the experimental average Nusselt number was defined based on the thermal conductivity of water in contact with the tubes as [32] 
Similarly, the Reynolds and Prandtl numbers for macrofoams in tube bundles were defined as
where q f and l f are the foam density and viscosity while k w and c p,w are the water thermal conductivity and specific heat, respectively. If the conclusions for microfoams can be applied to convective heat transfer macrofoams, the correlation developed by Khan et al. [32] for Newtonian fluids could be extended to macrofoams and expressed as
where Pr w is the Prandtl number of water while the term ½ð3n þ 1Þ=4n 1=3 is the non-Newtonian correction factor introduced by Mizushina et al. [23] . The effective foam viscosity l f given by Eq. (4) as well as C(v) and Ca ⁄ could not be estimated from the data provided by Gylys et al. [14, 15] . However, the terms C(v) À1/6 and (3n+1)/4n appearing in the above equation are constant for a given surfactant used to make the foaming solution. , experiments with foams made from solutions with different surfactants and/or fluids other than water should be performed. Their bubble radius, surface tension, and effective viscosity should also be known or measured.
Conclusion
The present study collected and analyzed experimental data for convective heat transfer of microfoams in laminar flow condition in circular tubes under constant wall heat flux. Microfoams were made from aqueous solutions with Tween 20 surfactant concentrations with mass fraction ranging from 0.22 to 4.23 wt.%. A wide range of porosity, viscosity, flow rate, heat flux, and two different pipe diameters were explored. The results were compared with existing analytical and semi-empirical dimensionless correlations developed and validated with single-phase power-law fluids. Here, the Reynolds number Re Ã D was defined using the effective density and viscosity of microfoams. However, the dimensionless numbers Nu Ã x and Pr were defined based on the thermal properties of water. This can be justified by the fact that the heated pipe wall was in direct and continuous contact with a thin layer of water which controlled convective heat transfer to the foam. Good agreement was observed between the model predictions and experimental data when defining Nu Ã x , Re Ã D , and Pr ⁄ according to Eq. (24) . The same approach was successfully applied to experimental data collected for laminar flow of microfoams in rectangular minichannels heated from three walls and macrofoams across aligned and staggered tube bundles [14, 15] . Finally, it remains to be determined whether this simple and convenient approach can be extended to convective heat transfer in foams made of different fluids under different geometries and/or flow and boundary conditions. 
